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ABSTRACT

The technique of measuring steady loads on centrifugal pump
impellers via magnetic bearings is demonstrated and shown to
be a reliable way of clarifying loads, which have been tradition-
ally difficult to determine both analytically and experimentally.
Among the most challenging geometries in this respect is the
semiopen impeller in an end-suction single volute pump. Be-
cause of the uneven distribution of the pressure on the shroud of
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a semiopen impeller, axial and radial loads are created. In
addition to the classical axial and radial loads, it is recognized
that a hydraulic couple is also generated with semiopen impel-
lers. The hydraulic couple is not discussed. In the past, experi-
mental evaluation of the hydraulic forces and moments on
impellers has been accomplished through techniques such as
strain measurements and static pressures at taps in the walls
adjacent to the impeller. The present experimental results are
obtained using the magnetic bearing test rig that was designed to
measure the forces and moments that result from the hydrody-
namic interactions in a centrifugal pump under various operat-
ing conditions. The comparison is presented between the results
for the single stage pump obtained by the traditional methods
and those derived from magnetic bearing reactions. The results
are given for the full range of flowrates from shutoff to runout
and a Reynolds number effect is also examined for semiopen
impellers. The information obtained will be used to design new
industrial pumps. '

INTRODUCTION

Turbomachinery designers have focused on the search for
new concepts to meet the reliability, efficiency, safety standards
and stringent cost effectiveness that must be met today. When
designing turbomachinery, it is important to be able to predict
the fluid-induced forces to determine bearing life and shaft
deflections. Empirical methods for evaluating the loads on
impellers have led to predictions that are orders of magnitude
apart. Thus, an experimental rig was designed to determine these
loads.

The impeller and the volute casing are designed to provide a
circumferentially uniform discharge flow pattern at design con-
ditions that coincide with the best efficiency point (bep). How-
ever at off-design conditions, the volute flow patternisno longer
uniform; when the flowrate changes, the volute conditions be-
come asymmetric. This results in a net radial force due to the
asymmetric pressure discharge condition. Note that even at the
design flowrate, the discharge conditions could be asymmetric
if the impeller is displaced from the design center by shaft
deflection or bearing wear. Hydrodynamic interactions in cen-
trifugal pumps have typically focused on these radial and axial
forces.

There are two sources that contribute to the radial hydrody-
namic forces on the impeller. One is due to the asymmetric
distributions around the impeller and the other is caused by the
asymmetric momentum fluxes at the impeller suction and dis-
charge. The first contribution can be evaluated by integrating the
asymmetric pressure distribution around the suction and dis-
harge of the impeller. The momentum fluxes result in negligible
contribution to the net force on single stage end suction pumps
below a specific speed of 3000.
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Because of the uneven distribution of the pressure on the
shroud in volute end suction pumps with a semiopen impeller,
there is an additional component that manifests itself as a
moment [1]. This can lead to increased shaft deflection, shaft
stress and decreased bearing life, and frequent shutdowns to
replace components. This study investigates the forces but does
not discuss the moments that result from the hydrodynamic
interactions in a centrifugal pump with a semiopen impeller.

BACKGROUND

Fluid-induced rotordynamic forces on impellers in turboma-
chines are now well recognized. The forces are defined by
expressing the instantaneous forces, Fx (t), Fy(t) and Fz(t)
(figure 1) acting on the impeller in the linear form:
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Figure 1. Definition of the Fluid Forces on a Pump.

The first term on the right hand side represents the steady,
time-averaged forces, in a stationary frame and [A] is the
rotordynamic matrix where x(t), y(t), z(t) are the shaft displace-
ments from the mean position. The steady radial forces, F_, F .
F_, or hydraulic loads result from asymmetries in the flow and
have been measured by several authors [2, 3, 4, 5, 6]. The
rotordynamic matrix, [A], will, in general, be a function of the
mean flow conditions and pump geometry aiong with of the
whirl motion. Rotordynamic forces imposed on a centrifugal
impeller by the fluid flow were first measured by Domm and
Hergt [4], Hergt and Krieger [7], Chamieh, et al. [5], Jery, et al.
[8], and Ohashi, et al. [9].

For the present discussion, the emphasis will be on the steady
forces. There are several empirical values that are used by pump
designers to estimate these forces. These approximations do not
include differences between an open impeller vs a closed impel-
ler for the radial load, or the influence of scallops in the impeller
disk (Figure 2) on the radial load, axial load, and moment.
Experimental results of the hydraulic loads for semiopen impel-
lers with scallops in the shroud as a function of impeller diameter
and back shroud clearance variation have not been presented up
to now. The hydraulic loads are obtained from the magnetic
bearings, including the clearance effect covered in this study.
Radial thrust factors are compared with the empirical results.

Radial Force

Several empirical methods for estimating the radial forces on
closed impellers have been developed and have been successful-
ly used for shaft deflection, shaft sizing, and bearing selection.
The magnitude and location of the radial force acting on the
impeller depends on the operating point relative to the best
efficiency point (bep) and specific speed. Since single and
double volutes of spiral form are typically designed for uniform
velocity around the volute or casing at the design capacity, the
radial force is usually a minimum at best efficiency and a
maximum at shutoff. This flow cannot be maintained at off
design flowrates. Therefore, away from the best efficiency
point, the nonuniform pressure distribution results in a radial
force acting on the impeller:

Ky.HD,b
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where
b is the overall width of the impeller including shrouds, in
D, is the impeller diameter, in
F is the radial force, 1bf
H is the developed head, ft
K is an empirical constant
v is the specific gravity
The earliest correlation for the radial load on a single-volute

centrifugal pump was by Stepanoff [10] who estimated the
empirical constant as a function of the capacity:

K=O.36(1—(§ )) @)

n

where
Q is the flowrate where the force is evaluated.
Q, is the flowrate at the best efficiency point.

The technique used for determining the forces was by measur-
ing the shaft deflection and calibrating with weights. Subse-
quently, K values for a single spiral volute were determined
experimentally by Agostinelli, et al. [3], as a function of flow
and specific speed. This observation was important as the specif-
icspeed characterizes the impeller geometry of both the impeller
and the volute casing. Presently, the Hydraulic Institute techni-
cal specification TS001-C [11] is the standard for the calculation
of radial thrust for a volute pump.

Biheller [12] also presented a semiempirical relation for the
radial load in a slightly different form. In this relation, the
influence of the cutwater clearance on the force is accounted for.
The equation simplifies for a fully volute pump as folliows:

F =4.76 x 10°(U2 A,p x 10 -134A)
M 2
Q ] ( Q
1+ -2 | =
¢ ;
where

Q, ;
A, is the impeller projected area, (diameter x impeller overall
width), in?.
A is the collector cross-sectional area at the tongue, in’.
A (is the collector cross-sectional area at the throat, in?.
u, is the tangential velocity of the impeller, ft/sec.
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p is the fluid density, Ibm/ft.
Axial Force

In a centrifugal pump, the different pressure distributions
between the front and rear shrouds generally result in an axial
force towards the suction. The classic equation for the axial
force on an enclosed impelier is a function of the developed head
and specific speed. The Hydraulic Institute Standards describe
the axial force as the difference between the axial force gener-
ated on the front shroud and the axial force on the back shroud
on an enclosed impeller:

H
F =t [KA,-KA]

(A, -A)
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where

A is the area exposed to pressure on the back shroud, in’.

A_ is the area exposed to pressure on the front shroud, in’.

A, is the shaft area, in”.

A, is the front ring area, in’.

A, is the impeller diameter area.

D, is the hub diameter, in.

D, is the front ring diameter, in.

D, is the impeller diameter, in.

H is the developed head, ft.

K, is an empirical constant that represents the percent of
developed head on the back shroud.

K, is an empirical constant that represents the percent of
developed head on the front shroud.

K, is an empirical constant that represents the percent of
developed head at the hub diameter.

K, is an empirical constant that represents the percent of
developed head at the ring diameter.

K, is an empirical constant that represents the percent of
developed head at the impeller diameter

v is the specific gravity.

The Hydraulic Institute Standards tabulate values for the
empirical factor K for enclosed impellers, as a function of the
ratio of the diameter where K is being evaluated to the exit
diameter of the impeller. The distribution is a strong function of
specific speed, and it is also influenced by the ring clearance.
Impeller designs employ back vanes, back rings, balance holes
or scalloping as a means to reduce the axial thrust {13]. The
effect of these configurations on the force is demonstrated in
Table 1.

Table 1. Empirical Determination of Axial Force.
i 1

Configuration K,
‘ Plain shroud 0.4

Back vanes 0.1t00.25
Back ribs with balance holes I 0.1

The calculation of the axial force on a semiopen impeller is
similar to that shown for an enclosed impeller, except that the K,
factor for the hub can vary greatly depending on the design of the
impeller. Some of these variations are as follows:

+ plain shrouds

- shrouds with scallops

- shrouds with pumpout vanes

« shrouds with pumpout slots

+ shrouds with balance holes

» shrouds with pump out vanes and balance holes

+ combinations of the above with scallops

The changes of the K, factor as a result of all these configura-
tions is not discussed here. However, future tests are planned to
explore these effects.

EXPERIMENTAL FACILITY

In the past, experimental evaluation of the hydraulic forces on
impellers has been accomplished via techniques such as strain
measurements and static pressures at taps in the walls adjacent
to the impeller. Previous test rigs (Chamieh, et al. [5], Bolleter,
et al. {4], and Ohashi and Shoji [15]) required slip ring assem-
blies to transport the force signal from the rotating member to the
acquisition system. The advantage of an active magnetic bearing
concept is that the fluid-structure interaction problems in pumps,
compressors, turbines and other machines can be investigated
through noncontact with the rotor [16, 17]. The present experi-
mental results are obtained using such a magnetic bearing test
rig. This rig contains three magnetic bearings, two of that sense
radial forces and one that senses axial thrust (Figures 3 and 4).

Figure 2. Test Impeller. Note scallops in impeller back shroud.
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Figure 3. Magnetic Bearing Test Rig with a Centrifugal Pump in
the Foreground.

The impeller (Figure 2) is mounted on the main shaft of the rig
(Figure 5). The rotor is suspended in a magnetic field generated
by magnets mounted around the rotor. A control circuit (Figure
6) is used to alter the current in the coils, and, hence, the
magnetic field in response to the shaft positions that are sensed
by the proximity probes. The bearing force is directly implied
from the magnetic bearing current and rotor position. This
allows identification of the radial impeller forces, axial impeller
force and impeller moments. Thus, the magnetic bearings serve
two functions: to keep the rotor centered in the stator and to act
as force sensors.

Figure 4. Control Unit for the Magnetic Bearing Test Rig.

Each radial bearing has two displacement sensors arranged 90
degrees apart. One axial displacement sensor is used for the
control of the axial bearing. In addition four axial sensors,
spaced 90 degrees apart are located on a disk behind the impel-
ler. These latter probes give a qualitative indication of the
hydraulic moment and verify the calculation of the impeller
moment implied from the forces at the magnetic bearings. A
shaft encoder provides a once per revolution signal. A multiplier
increases the number of pulses per revolution and is the trigger
puise for data acquisition. This limits the fluctuations associated
with small changes in shaft speed. The motor is equipped with an

Figure 5. Schematic of the Magnetic Bearing Test Rig. Note the
locations of the two radial and single double-acting axial mag-
netic bearings.
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Figure 6. Magnetic Bearing Control Scheme.

adjustable speed control, so that tests at diferent rotational
speeds can be conducted, and the effect of Reynolds number on
the hydraulic forces can be evaluated. In addition to the current
and displacement signals being sampled, flowrate, suction pres-
sure, discharge pressure, and torque measurements are taken.
Pressure taps are provided on the casing for determining the
hydraulic forces resulting from the pressure distribution for
comparison with the loads obtained with the magnetic bearings.

Impeller Force Calculation

The bearing reaction is calculated from the measured currents
and displacement. The force equation for a single axis of a
magnetic bearing is a nonlinear function. The magnitude of the
force exerted by the electromagnets is proportional to the square
of the current in the coils and inversely proportional to the

square of the air gap:
i, 1\
°_A) ) H ©
where

A, is the cross sectional area of the flux path, m?.
¢, is a geometry correction factor.

¢,, ¢ represent the top and bottom effective radial clearances
on each bearing axis respectively, m.

i, and i, represent the current in the top and bottom magnet
pair, (A).

N is the number of turns per magnet.

i, is the permeability of the free space between the rotor and
stator, (4n x 10 -7 H/m)

Active magnetic bearings are nonlinear due to the nonlinear-
ities of electromagnetic fields. Also, there are force coupling
effects among the various axes. The nonlinear nature results in
an increase in the modelling complexity and control of the
bearings.

Before the forces at the impeller can be determined, a bearing
bias force correction and offset calibration must be made. The
procedure involves applying a known force to the bearing axis
such as the component of weight supported by that axis. This is
done by levitating the shaft at the start of each experiment to

F= pochﬁN2
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Figure 7. Pump Characteristics of the Test Impeller.

determine the actual top and bottom effective clearances, for
each bearing axis, ¢, and c_. The magnetic bearing actuators and
sensors are not collocated axially; however, this position error is
accounted for in the analysis procedure. Using this result, along
with as the measured currents and displacements, the bearing
reaction force is calculated as a result of the applied forces and
moments on the impeller. The radial impeller forces are deter-
mined by summation of forces and moments obtained at the
bearings. The impeller axial force is assumed to be that mea-
sured at the thrust bearing. The impeller moments are deter-
mined by summation of moments at the impeller centerline.

Calibration

The bearings have a radial force capacity of 6 672 N (1500 1bf)
each and an axial force capacity of 35 584 N (8000 1bf) in either
direction. A loading fixture has been designed and is used to
determine the relationships between the bearing currents and
impeller forces via static calibration. Thus, the reactions of the
loads at the bearings are calculated and compared to the known
applied loads. The loading procedure includes loading the shaft
with a moment arm. A hysteresis curve was also generated as the
loads were decreased and found not to be significant with a
calibration error of five to ten percent. The calibration is inde-
pendent of operating speeds.

In order to limit the electrical noise on the current signals, a
simple R-C filter of 600 Hz was installed on the controller card.
This filter cleaned up some of the noise on the currents, and
reduced the scatter on the force data. The signal to noise ratio
was improved by amplifying the power amplifier current sig-
nals. The data acquisition system (DA) introduced an oscillation
that was eliminated by bypassing the DA input port with a 0.01
microfarad capacitor. The combined effects of filtering, bypass-
ing, and amplification provided consistent results.

RESULTS

The objective of this test rig (Figure 3) is to determine the
relationship of hydraulic forces of different impeller geometries

at various operating conditions. This magnetic bearing test rig is
designed to evaluate the forces and moments for a wide range of
commercial pumps. The initial test utilizing this rig is of a single
stage end suction volute process pump with a semiopen impeller
with back vanes. The results will be used to design new indus-
trial pumps. The pump characteristics for this centrifugal pump
with a single spiral volute are as shown in Table 2.

Table 2. The Pump Characteristics (Figure 2).
| headat3550RPM | 120m 393 ft
flow at 3550 RPM 91m3h 400 gpm
speed range 900-3550 RPM | 900-3550 rpm
900-1780 RPM | 900-1780 rpm

test speed

The comparison between the results derived from magnetic
bearing reactions for this pump is made with other traditional
methods used for enclosed impellers in Table 3. The results are
presented nondimensionalized by the impeller OD dynamic
head and the area where the force is acting:

F
R
Ke= EREN 6]
> p.u*bD
and
F
z
K,= 1 (8
§p.u2n,R2
where

b is the overall width at the impeller discharge, including
shrouds (m).

D is the impeller diameter, (m).

F, is the radial force, (N).

F, is the axial force, (N).

R is the radius at the impeller discharge,(m).

u = ok is the impeller peripheral velocity, (m/s).
p is the fluid density, (kg/m3).

w is the rotor speed, (rad/s).

Table 3. Predicted and Measured Nondimensional Radial Forces.

(a) dynamic (b) shut-off head
head
Method 0% flow | 50% flow | 100% flow 0% flow
Stepanoff 0.455 0.355 0 0.36
Agostinelli | 0.157 0.069 0.009 0.124 F——‘
Biheller 0.301 0.222 0 0.239
LFresent data “3.3 0.15 0.05 J 0.237

In Figures 8,9, 10, 11, 12, and 13, the results are given for the
full range of flowrates from shutoff to runout. The variation of
the radial forces is shown to be a strong function of flow. As
shown by other investigations, the radial force is a maximum at
shutoff and is not a minimum at bep. The minimum can be seen
to lie between 70 percent and 90 percent of bep. Note that the
shape of the radial load versus flow is similar (V-shape) to that
for a closed impeller. On the other hand, the shape of the axial
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Figure 8. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1780 RPM. Series 1 and 3
were measured for decreasing flow; series 2 and 4 were for
increasing flow. The back clearance is 0.762 mm (0.030 in) and
the front clearance is 0.3302 mm (0.013in).
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Figure 9. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1180 RPM. Series 1 and 3
were measured for decreasing flow; series 2 and 4 were for
increasing flow. The back clearance is 0.762 mm (0.030 in) and
the front clearance is 0.3302 mm (0.013in).

thrust versus flow does not follow bep flow as is usually shown
for closed impellers.

In Figure 8, the test operating speed is 1780 rpm and the back
clearance between the back vanes and the casing is 0.76 mm
(0.030 in). The same configuration is shown at an operating
speed of 1180 rpm in Figure 9. The back clearance is increased
to 1.27 mm (0.050 in) in Figures 10 and 11. A larger back
clearance diminishes the ability of the radial vanes on the back
of the impeller to reduce the pressure behind the impeller. Thus,
the axial force in the direction of suction must increase when the
back clearance is increased. Indeed, this can be seen to occur
when comparing Figures 9 and 11.

The traditional equation to predict the axial force for an
enclosed impeller produces a curve parallel to the pump perfor-
mance curve. In the case of these semiopen impellers, it can be
seen that the axial load is influenced by the pressure distribution
around the volute, as is the radial load. It should be noted that the
axial load follows the same trend as the radial load and the
minimum load value is at the same flow point as the radial load
minimum. The prediction of the axial load for semiopen impel-
lers by the empirical relation of Stepanoff [10] yields a nondi-
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Figure 10. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1780 RPM. Series 1 and 3
were measured for decreasing flow; series 2 and 4 were for
increasing flow. The back clearance is 1.27 mm (0.050 in) and
the front clearance is 0.3302 mm (0.013in).
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Figure 11. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1180 RPM. Series 1 and 3
were measured for decreasing flow; series 2 and 4 were for
increasing flow. The back clearance is 1.27 mm (0.050 in) and
the front clearance is 0.3302 mm (0.013in).

mensionalized value of 0.336 compared with the presently
obtained results of 0.25. This discrepancy is not too surprising
as the scalloped region is not accounted for in the Stepanoff
approach. The method of the Hydraulic Institute for an enclosed
impeller, given by Equation (5) predicts a value of 0.18.
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An overlay is shown in Figure 12 of the results of Figures 8
and 9 at 0.762 mm (0.030 in) back clearance. An overlay is
shownin Figure 13 of the results of Figures 10and 11 at 1.27 mm
(0.050 in) back clearance. No appreciable Reynolds number
effect can be observed with the smaller back clearance within the

« 1180 RPM x 1780 RPM
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Figure 12. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1180 RPM and 1780 RPM.
The back clearance is 0.762 mm (0.030 in) and the front clear-
ance is 0.3302 mm (0.013in).

range of the experimental data. The main conclusion to draw
from this is that the radial and axial loads do scale as the square
of the speed. Although at the larger back clearance, Reynolds
number effects can be seen to come into play (Figure 13).

The radial forces nondimensionalized are presented in two
ways in Table 3. The first (a) nondimensionalizes the forces by
the dynamic head, as described in Equation (7). For comparison,
the loads at shutoff are also nondimensionalized by the shutoff
head (b).

The shutoff head is typically 20 percent to 30 percent larger
than the impeller OD dynamic head and will thus result in a
lower dimensionless value. At shut-off, the Agostinelli, et al.
[3}, empirical method under-predicts the radial load, whereas
the Stepanoff [10] method gives a high value. This is because the
Stepanoff factor does not account for specific speed or geometry
changes. This has been an observation among pump designers
forenclosed impellers. The present data are for an open impeller
with scallops. The typical gap from a shroud to the casing or
cover wall with an enclosed impeller is 9.652 mm (0.38 in),
where for a semiopen impeller, the clearance is 0.254 to 0.508
mm (0.01 to 0.02 in) on the front and 0.762 to 2.032 mm (0.03
to 0.08 in) on the back. The 9.652 mm gap of the enclosed
impeller will allow some equalization of the pressure variation
around the volute, resulting in a lower factor than for a semiopen
impeller.

CONCLUSIONS

The emphasis of this study is to investigate the steady forces
acting on the rotor and casing due to fluid flow in a centrifugal
pump with the new concept of measuring magnetic bearing
reactions. Herein, the comparison between the results for a
single stage pump obtained by several empirical methods and
those derived from magnetic bearing reactions are presented.
Empirical relationships that do not account for the impeller-
casing geometry, specific speed, or shroud configuration do not
accurately predict the impeller forces. The main conclusion to
draw from the test results is that the radial and axial loads do
scale as the square of the speed. An important observation is that
the radial thrust factors of semiopen impellers are greater than
for an equivalent enclosed impeller. Preliminary results show
the axial force to increase with back clearance, while the varia-
tion of the radial force is not yet conclusive. Further tests are
planned at different operating points, impeller diameter cuts,
and different front and back clearances. It is also planned to
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Figure 13. Nondimensionalized Radial and Axial Forces Mea-
sured with the Magnetic Test Rig at 1180 RPM and 1780 RPM.
The back clearanceis 1.27 mm (0.050 in) and the front clearance
is 0.3302 mm (0.013in).

evaluate the forces for a series of similar pumps for a range of
specific speeds. In the future, the same magnetic bearings will be
used to evaluate steady and fluctuating loads in larger, multi-
stage pumps. This testing shows that a magnetic bearing test rig
will obtain accurate results for evaluating hydraulic forces.
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